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Abstract

This paper presents a combined experimental and theoretical study on the thermal–hydraulic performance of a novel type of periodic
textile cellular structure, subjected to forced convection using both air and water as a coolant. The samples were fabricated as sandwich
panels, with the textile cores bonded to two solid face-sheets using a brazing alloy. These efficient load supporting sandwich structures
can also be used for active cooling. The effects of cell topology, pore fraction and material properties (high thermal conductivity copper
or low thermal conductivity stainless steel) on both coolants flow resistance and heat transfer rate were measured. The flow friction factor
is found to depend mainly on the open area ratio in the flow direction (which is dependent upon cell topology and pore fraction), whilst
the amount of heat transferred is dependent upon solid conductivity, pore fraction and surface area density. Analytical models were used
to develop predictive relations between both the pressure loss and heat transfer performance for different textile geometries. Good agree-
ment between the predictions and measurements were obtained. Due to high thermal capacity of water, it was found that the model for
water cooling must account for the additional contribution due to thermal dispersion. The dispersion conductivity was found to be
related to coolant property, local flow velocity, wire diameter and pore fraction. Finally, the thermal performance of brazed woven tex-
tiles is compared with other heat exchanger media, such as open-celled metallic foams and louvered fins.
� 2007 Elsevier Ltd. All rights reserved.
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1. Introduction

Lightweight all-metallic sandwich structures with peri-
odic truss or prismatic cores (Fig. 1) have recently been
suggested for simultaneous load bearing and active cooling
[1]. The load bearing characteristics of these structures
have been well studied, demonstrating the role of cell
topology, relative density and parent material properties
upon the mechanical performance [1–6]. The continuous
channels of these open core structures also allow internal
fluid transport, enabling simultaneous active cooling. Sev-
eral mechanisms contributing to heat transfer have been
identified, including low thermal resistance conduction
paths from a hot face-sheet through the core, high surface
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area contact between the core and a coolant, and high heat
transfer between the metal surface and the fluid coolant.
The focus of this paper is on the thermal performance of
sandwiches having brazed woven textile cores under forced
convection: structures are fabricated from metal with
widely differing thermal conductivities (copper and stain-
less steel). We investigate the thermal performance of peri-
odic truss cores fabricated by the brazing of metal textiles
using both air and water as a coolant.

Woven metallic structures (textiles) have been widely
used in aerospace, chemical engineering, food processing,
air conditioning/refrigeration, medicine, and so on [7].
Heat dissipation media have three important characteris-
tics: thermal conductivity, pressure loss and heat transfer
rate [8]. Analytical and empirical correlations between
these characteristics and the overall heat transfer perfor-
mance have been developed for many structures [9–20].
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Nomenclature

A, Acy heating area = LW, cylinder cross-sectional area
cp specific heat of fluid
CH tortuous coefficient
D, dp, Dh wire diameter, unit cell length, hydraulic

diameter
f friction factor
H, h, d channel height, local heat transfer coefficient,

thermal conductivity
Kcell pressure loss coefficient based on unit cell size
L channel length
_m mass flow rate
n, N number of parallel wires along channel height,

mesh number
P, DP pressure and pressure drop over length L

Q, q input heat, input heat flux
q0 total heat removal
qparallel heat removed by parallel cylinders
qvertical heat removed by vertical cylinders
qw heat transferred between face-sheet and coolant
Ropen open area ratio
Re Reynolds number
T temperature

Um mean velocity
W, w channel width, aperture width

Greek symbols

n local coordinates along cylinder
q density
a surface area density
e porosity

Subscripts
0 inlet
cy cylinder
d dispersion
eff effective
f fluid
m mean
p parallel
s solid
sf surface
v vertical
w substrate
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For example, Wirtz et al. [9–13] investigated the thermal
and fluid flow characteristics of single layer woven textiles,
rows of serpentine-pattern screens, and regularly stacked
(but not bonded) three-dimensional (3D) metal textile
sheets. It was found that the performance of these textile
structures was comparable to plate-fins. The wire cross-
over’s in these structures were not bonded and while they
may be used as heat exchangers, node rotation precludes
Fig. 1. Sandwich construction with textile technology: (a) a transient liquid ph
sheets are added to the textile core.
their use as structural members. In addition, the unbonded
nodes result in a high thermal resistance at the nodes,
which reduces their thermal spreading performance. Jiang
et al. [21,44] conducted both experimental and numerical
studies of forced convective heat transfer in packed beds
of sintered and non-sintered copper spheres, and found
that sintering significantly increases the overall heat trans-
fer rate due to reduced thermal contact resistance. The
ase joins the wire mesh screen laminated at all points of contact; (b) face-
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increases could be large: up to 15 times for water and 30
times for air [21]. We note that such bonding also dramat-
ically modifies the mechanical properties and creates
opportunities for multifunctional applications of the type
recently envisioned [6].

Sandwich panels with textile cores have recently been
fabricated using a transient liquid phase (TLP) bonding
(brazing) method to create robust nodes at wire cross-overs
and between the lamina [7]. It was discovered that the
forced air convective thermal efficiency of the brazed textile
structures was approximately three times larger than that
of open-celled metal foams, principally because much of
the lower pressure drop encountered during coolant prop-
agation through collinear pores in the periodic textile struc-
ture [7].

In the present study, all-metallic sandwich panels with
woven textile cores having diamond or square-shaped
pores are tested using both forced air and water as the cool-
ant for a cross-flow heat exchange experiment. A pressure
drag model is developed to relate the measured flow resis-
tance across the textile cores topology. A fin analogy model
was constructed to characterize the heat transfer perfor-
mance. Similar fin models have been successfully used to
study forced air convection through other porous media
[22–26]. However, the water introduces an additional effect
(thermal dispersion [27]), which is included in the present
model. Finally, the overall heat transfer performances of
the textile topology structures are compared with other
heat dissipation media including metal foams, truss struc-
tures, louvered fins and corrugated ducts.

2. Test sample topology

2.1. Sample fabrication

Individual mesh layers are stacked peak-to-peak such
that the textile openings are aligned with each other and
joined together at all points of wire contact, either by a
brazing alloy in the case of the copper cores or a transient
liquid phase (TLP) alloy in the case of the stainless steel
cores, creating the cellular metal core. The textile cores
are subsequently machined to size by electro-discharge
machining and, then, solid face-sheets are added via a sec-
ond brazing/TLP operation creating the sandwich struc-
ture. Fig. 1 illustrates the use of the constructed sandwich
laminate with woven textiles for simultaneous structural
load bearing and cross-flow heat exchange applications;
additional details on sample preparation can be found in
[4,5].

Sandwich structures were fabricated with the wire struts
either parallel or perpendicular (0/90�), or inclined (±45�)
to the face-sheets. When the struts were oriented 0/90�
to the face-sheets (Fig. 2a) the samples are designated
S; whereas when the struts were oriented ±45� to the
face-sheets (Fig. 2b) these samples are designated D. All
samples had a width W = 40 mm, a core height H =
10 mm, a length L = 60 mm, and face-sheet thickness of
0.813 mm. Details of the samples tested in this paper are
listed in Table 1.

2.2. Unit cell topology

The woven mesh has a wire diameter d, aperture width
w, and screen layer thickness t = 2d (Fig. 2). The number
of pores per unit length, N (mesh number), is:

N ¼ 1

d þ w
ð1Þ

For the present samples, N takes the value of 8, 10 and
12 pores/in. With q denoting the density of the mesh, the
relative density �q of the stacked textile core is:

�q � q
qs

¼ pNd2

2t

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1þ 1

1þ w=d

� �2
s

ð2Þ

where qs is the density of the parent solid material and the
effect of added weight of the bonding agent at the contact
points has been neglected. The pore volume fraction e of
the core is related to �q by:

e ¼ 1� �q ð3Þ
The surface area density asf (total surface area per unit
volume) is given by:

asf ¼
total surface area

volume
¼ p

wþ d
¼ pN ð4Þ
3. Experimental test set-up

Two types of coolant were used in this study, air and
water (Table 2). Due to the special sealing requirement
for water, two different test facilities were used, as
described below.

3.1. Test set-up and data acquisition procedures for forced

air convection

A schematic illustration of the forced air convection test
facility is shown in Fig. 3a. Air is drawn through a rectan-
gular channel, in which the textile based sandwich structure
was fitted. The coolant flows through a layer of wire screen
meshes, followed by a 4:1 contraction, a flow straightening
honeycomb layer, another wire screen layer and a relatively
long parallel plate channel before it reaches the sample. An
iso-flux boundary condition was imposed on the bottom
face-sheet of the sandwich structures via a heating pad,
while the top face-sheet was thermally insulated. A pure
copper heat spreader plate, 0.9 mm thick, was inserted
between the heating element and the bottom face-sheet.

3.2. Test set-up and data acquisition procedures for forced

water convection

For forced water convection experiment, the testing
facility (schematic shown in Fig. 3b) of Prof. P.X. Jiang



Fig. 2. Two prototype textile laminate heat exchangers: (a) images of square-shaped pores; (b) images of diamond-shaped pores.

Table 1
Morphological parameters for test samples

Test sample Material Wire diameter (mm) Aperture (mm) Porosity Surface area density (m2/m3) Open area ratio

S-1 & D-1 Copper 0.8 2.36 0.795 994 0.5577
S-2 & D-2 1.0 2.13 0.737 1004 0.4631
S-3 & D-3 1.2 1.98 0.683 988 0.3876
S-4 & D-4 0.8 1.30 0.680 1496 0.3832

S-6 & D-5 Stainless steel 0.9 2.275 0.769 989 0.5134
S-7 & D-6 0.56 1.98 0.822 1237 0.6076
S-8 & D-7 0.56 1.557 0.785 1470 0.5409

Table 2
Experimental operating conditions

Parameters Ranges

Coolant Air Water
Inlet coolant velocity 1.0–10 m/s 0.02–0.5 m/s
Reynolds number ReH 700–10000 100–8000
Inlet temperature 290 K 290 K
Outlet temperature 300–310 K 300–350 K
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at Tsinghua University, China, was used. It consists of four
major components: water supply, experimental test section,
heating arrangement, and data acquisition system. A
snake-shaped thin nichrome plate was used as the heating
element, which was operated in a way such that constant
heat flux is maintained, with negligible temperature change
(�0.09 K) across the thickness of the �1 mm thick copper
heat spreader atop the heating element [37]. The amount of
heat released from the heating element was adjusted by
changing the supply voltage. Consequently, constant heat
flux boundary condition was assumed.
Two T-type copper-constantan thermocouples were bur-
ied into grooves on the top copper face-sheet to measure
the local sample temperature. Additional thermocouples
were used to measure the inlet and outlet fluid tempera-
tures. For pressure measurements, a high-resolution
manometer was used, while the mass flow rate was
obtained by the mass weight method.

3.3. Data reduction parameters

The Reynolds number and friction factor based on the
channel height H are defined as:

ReH ¼ qfU mH=lf ð5Þ

f ¼ DP
L
� H

� �
� 1

qfU
2
m=2

� �
ð6Þ

where Um is the mean coolant velocity at the inlet of a test
section of length L, qf and lf are the coolant density and
viscosity, and DP/L is the pressure drop per unit length.
The heat transfer coefficient at any location x along a sand-
wich panel heated on one face is:



Fig. 3. Experimental set-up for: (a) forced air convection; (b) forced water convection.
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hx ¼
Q=A

T wðxÞ � T f ;bulk

ð7Þ

where kf is the thermal conductivity of the coolant, Q is the
rate of heat input, A is the heated area, Tw is the tempera-
ture of the bottom face-sheet, and Tf, bulk is the bulk mean
temperature of the coolant at the inlet. Integration along
the length of the panel gives the overall heat transfer coef-
ficient �h. The corresponding Nusselt number for the panel
is

NuH ¼ �hH=kf ð8Þ
3.4. Measurement uncertainty

All measurements were performed under steady-state
conditions and repeated until significant data repetition
was ensured. An uncertainty analysis was performed by
using the method described in [38]. To minimize heat loss,
the external surface of the heating element was covered
with a thermal insulation material having a very low ther-
mal conductivity (k = 0.032 W/mK). In typical operating
conditions, the heat loss through the insulation materials
was estimated to be less than 2% out of a total imposed
heat flux. Further details associated with this estimation



Fig. 4. Single corrugated cylinder.
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can be found in [37]. The variation in air conductivity,
kf, is negligible in the operating temperature range of
293–303 K, whereas its density, qf, varies by about 5%.
The uncertainty in pressure drop measurement was less
than 5%. The uncertainties calculated from the root-square
method for the mean heat transfer coefficient, Reynolds
number and Nusselt number were estimated to be less than
5.3%, 5.7% and 5.4%, respectively.

For the forced water convection, the time that the fluid
with a fixed weight passed through was recorded by a stop-
watch (0.01 s resolution). The uncertainty of the Reynolds
number was estimated to be 4%. The uncertainties of fric-
tion factor, heat transfer coefficient and Nusselt number
are 4.1%, 8.4%, 8.4%, respectively.

4. Analytical modelling

4.1. Pressure drag model

In the form dominant regime, the friction factor of a cel-
lular core sandwich is a simple function of the core open
area ratio [7]:

Ropen ¼ Open area=Total area ð9Þ

where the open area and the total area are separately the
void area in the plane perpendicular to the flow and the
frontal area of the sample viewed in the direction of flow
(Table 1). The pressure loss coefficient Kcell can be com-
puted as [7]

Kcell ¼
DP cell

qU 2
m=2
¼ DP

L
� dp

� �
� 1

qU 2
m=2

� �
¼ 1� Ropen

Ropen

� �2

ð10Þ

with dp = t = 2d is the unit cell length. Combining (6) and
(10), the friction factor, f, based on channel height H can
be obtained as

f ¼ DP
L
� H

� �
� 1

qU 2
m=2

� �
¼ 1� Ropen

Ropen

� �2 H
dp

ð11Þ
4.2. Fin analogy model

The problem to be analysed is forced convection
through a sandwich panel heat sink whose core has a topol-
ogy derived from a brazed metal textile lay-up. The channel
has length L along the x-axis, core height H in the y-axis
and a core width W in the z-axis. At the bottom surface
(y=0), a constant heat flux is supplied, while the top sur-
face (y = H) is thermally insulated. The coolant flow is par-
allel to the x-axis, and perpendicular to the textile layers.
Thermal physical properties such as thermal conductivity,
density and viscosity are assumed to be independent of
temperature. Built upon the recent experimental work
[31], it is further assumed that fully developed heat and
fluid flow is achieved.
According to the fin analogy theory, the variation of
temperature T along the length of a corrugated cylinder
(Fig. 4) is governed by:

d2T

dn2
� 4h

ksd
ðT � T fÞ ¼ 0 ð12Þ

where h is the interfacial heat transfer coefficient, ks is the
solid conductivity, Tf(x) is the mean fluid temperature at
locationx, and n is a local coordinate along the cylinder with
origin n = 0 at y = 0 and n = CHH at y = H. Here, CH is

the tortuosity coefficient, with CH ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1þ d2=ðd þ wÞ2

q
for

square-oriented cores and CH ¼
ffiffiffi
2
p
�
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1þ d2=ðd þ wÞ2

q
for diamond-oriented cores.

A constant heat flux wall boundary condition was
assumed, with uniform heat flux q = Q/A supplied at the
bottom surface of the cylinder and thermal insulation
(q = 0) at the top:

�ks

dT
dn

����
n¼0

¼ q and ks

dT
dn

����
n¼CHH

¼ 0 ð13Þ

Subjected to these boundary conditions, (11) can be solved,
resulting in:



Table 3
Thermo-physical constants

Parameters Air Water (Depend
on temperature)

Density (kg/m3) 1.1614 997.1–999.1
Dynamic viscosity (kg/ms) 0.00001846 0.000891–0.001137
Specific heat (J/kg K) 1006 4179–4186
Prandtl number 0.71 6.21–8.13
Thermal conductivity

(W/mK)
0.025 0.59

Copper Stainless steel
Thermal conductivity

(W/mK)
380 16.2
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T � T f ¼
q

mks

coshðmCHH � mnÞ
sinhðmCHHÞ ð14Þ

where m ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
4h=ðksdÞ

p
is non-dimensional. The wall tem-

perature can be obtained as:

T w � T f ¼
q

mks

coshðmCHHÞ
sinhðmCHHÞ ð15Þ

To fully determine Tw, the mean fluid temperature Tf and
heat flux q need to be known.

The struts in samples with diamond-oriented cores are
mostly connected to the top and bottom face-sheets (edge
effects preclude all struts from making contact), whereas
half of the struts in samples with square-oriented cores
are connected to both the top and bottom face-sheets, with
the remaining half parallel to the face-sheets and not
directly contacting either face-sheet. Because these trans-
verse wires are bonded to the vertical ones and because
the side walls are thermally insulated, it may be assumed
that their temperature is the same as that at the contact
point with the vertical wire and can be estimated using
(14). The fluid temperature surrounding a vertical cylinder
at location x can then be obtained by considering energy
balance for a control volume of length dx, width W and
height H, yielding:

_mcpDT fðxÞ ¼ N sqverticalAcy;vdxW þ qwðxÞAw þ qparallelAcy;pdx=t

� q0dxW ðSquare-orientationÞ ð16aÞ
_mcpDT fðxÞ ¼ N sqverticalAcy;vdxW þ qwðxÞAw

� q0dxW ðDiamond orientationÞ ð16bÞ

where _m is the mass flow rate, cp is the specific heat of the
fluid, Acy is the cross-sectional area of the cylinder, sub-
scripts v and p stand for vertical and parallel respectively,
Aw is the face-sheet area excluding those of the attached
cylinders, Ns is the number of vertical cylinders per unit
area, qparallel is the heat removed by cylinders parallel to
the face-sheets, qvertical is the heat removed by a single ver-
tical cylinder, q0 is the total heat removal, and qw is the heat
transferred between the face-sheet and the coolant flow,
given by:

qwðxÞ ¼ hwðT wðxÞ � T fðxÞÞ ¼ hw

q
mks

coshðmHÞ
sinhðmHÞ ð17Þ

In (17) hw is the wall heat transfer coefficient of an empty
channel, given by [8,23,24]:

hw ¼ 0:023Re0:8
DhPr0:4kf=Dh ð18Þ

where Pr is the Prandtl number and ReDh
is the Reynolds

number based on the hydraulic diameter Dh = 2WH/
(W + H). Table 3 lists the thermo-physical constants for
two coolants (air and water) and two metals (stainless steel
and copper) used in this study.

For the interfacial heat transfer coefficient h in (12), it is
assumed that the correlation developed by Zukauskas [28]
for in-line cylinder arrays in cross-flow may be employed:
h ¼
0:9Re0:4

d Pr0:36ðkf=dÞ; 1 6 Red < 100

0:52Re0:5
d Pr0:36ðkf=dÞ; 100 6 Red < 1000

0:27Re0:63
d Pr0:36ðkf=dÞ; 1000 6 Red < 2� 105

8><
>:

ð19Þ
where Red = qfUmd/lf is the Reynolds number based on
cylinder diameter d.

For sandwich structures with either square- or diamond-
oriented cells, (12) to (19) are sufficient to determine hx

defined in (7), which is then used to calculate �h.
5. Results and discussion

The three non-dimensional parameters of interest are
the Nusselt number, Reynolds number and friction factor,
all based on channel height H, summarized by:

NuH ¼
�hH
kf

ReH ¼
qfU mH

lf

fH ¼
ðDp=LÞH
qf U

2
m=2

ð20Þ

Note that the length scale H is somewhat arbitrary, but se-
lected to facilitate comparisons among sandwich heat sinks
with different core topologies. The value of NuH depends on
the core topology and relative density, as well as the solid
and fluid properties. It embodies three different heat transfer
mechanisms: conduction through the core struts, core-to-
fluid convection, and face-sheet-to-fluid convection. The
challenge is to ascertain the heat transfer coefficient and
the pressure drop for each of the core topologies over a wide
range of Reynolds numbers. The protocol relies on knowl-
edge of the point-wise heat transfer characteristics of the
constituent elements of the panel.

5.1. Pressure loss

The experimental results for the friction factor fH are
shown in Figs. 5 and 6 for forced air and water convection,
respectively. For forced air convection, nearly all test data
fall in the turbulent region, with the friction factor equal to
a constant as shown in Fig. 5. For forced water convection,
the flow remains laminar until the Reynolds number
exceeds �2000, with a distinct laminar-turbulent transition
regime on the fH versus ReH plots in Fig. 6.
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Samples with identical wire diameter, aperture and
porosity, but different core orientations (square versus dia-
mond, samples 4 and 7) have similar friction factors using
both air and water forced convections. Similar trends were
observed, suggesting that square- and diamond-orienta-
tions have similar flow patterns. The difference between
these two orientations is attributable mainly to the cells
adjacent to the top and bottom of the sandwich panels.
When the flow channel width is much larger than the chan-
nel height, the flow resistance mainly depends on flow mix-
ing, with negligible contribution from the partial cells near
the substrate walls. Hence, the core shape does not cause
major difference in pressure loss.

The friction factors of samples 4 and 7 having square
and diamond topologies using different coolants are com-
pared. At high Reynolds number, it is found that only a
small difference in fH exists between the air and water cool-
ants; which is within experimental uncertainties.

Fig. 7a shows the friction factor fH as a function of
porosity e at a constant Reynolds number (ReH = 4000).
Note that the flow resistance decreases with increasing e.
Samples with a lower porosity (hence a higher relative den-
sity) have higher d/w ratios, and the frontal area of its
cross-section is blocked more than that of a sample with
a higher porosity. From the previous discussion on friction
factor, it is noted that frontal area blockage causes large
pressure losses. This is consistent with the results presented
in Fig. 7a.

Because the open area ratio and porosity are both func-
tions of d/w, the porosity can be expressed in terms of open
area ratio and vice versa. The friction factors of all samples
tested are plotted as functions of open area ratio, Ropen, in
Fig. 7b. The predicted pressure loss coefficient, Kcell, agrees
very well with the experimental data. In general, friction
factor increases as the open area ratio is decreased. In con-
trast with the data of Fig. 7a, the use of a pressure loss
coefficient allows all the data fall onto a single master curve
characterized by Eq. (10), whether the cell topology is
square or diamond and irrespective of the porosity level.
The excellent agreement between (10) and Fig. 7b demon-
strates that the pressure loss coefficient is only dependent
upon the open area ratio, and not on wire diameter, aper-
ture size and cell topology. On the other hand, although the
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data of Fig. 7a shows that the friction factor decreases in
general with increasing porosity, there is considerable scat-
ter of data due to the additional influence of wire diameter,
aperture size as well as cell topology. This explains the
advantage of using Kcell to characterize the pressure loss
across periodic lattice structures.
Fig. 8. Nusselt number with different solid materials and different
coolants.
5.2. Heat transfer – measurements

The three main mechanisms of forced convective heat
transfer through a cellular textile structure are: (1) heat
transfer through solid struts by conduction; (2) heat trans-
fer through textile core by convection; (3) heat transfer
from face-sheets by convection. The overall heat transfer
consists of the contribution of heat transfer from both
the solid and cooling fluid. In general, increasing the ther-
mal conductivity of the textile core increases the heat trans-
fer by mechanism 1, increasing the surface area density
enhances mechanism 2, and lowering the core relative den-
sity increases the significance of mechanism 3. An increase
in the turbulence of the cooling flow causes an increase in
heat transfer by mechanisms 2 and 3. Typically, increasing
the porosity of a textile core increases the surface area den-
sity, and hence may increase heat transferred by mecha-
nism 2 or 3; on the other hand, because of the high
porosity, there is limited solid conduction passages (mech-
anism 1). It is therefore anticipated that an optimal poros-
ity exists (balance between surface area density and relative
density) that maximizes the heat transfer characteristics for
textile based sandwich structures.

The heat transfer performance of all the copper and
stainless steel sandwich structures is compared in Fig. 8.
It is interesting to note that the porosity of wire screens
tested in this study ranged from 0.68 to 0.8, significantly
smaller than that of typical metal foams, which are >0.9,
but much larger than that of typical packed powder beds,
which are <0.35. Therefore, conduction through the solid
ligaments is expected to be more important in bonded
woven textile structure than that in metal foams (as well
as that of packed beds without brazing), especially with
high thermal conductivity materials.

Samples S-4, 7 and D-4, 7 are identical, except that the
pores in the former are square-oriented while those in the
latter are diamond-oriented. Because both sets of test sam-
ples had approximately the same flow resistance and flow
pattern (excluding regions near the face-sheets), it is
assumed that the contribution of forced convection on
the overall heat transfer was the same for these samples.
However, experimental data (not shown here) indicate that
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the Nusselt number of diamond-oriented topology is signif-
icantly higher than that of squared-oriented topology.
Samples S-4 and D-4 are both made of copper, but the
Nusselt number of D-4 is about 30% larger than that of
S-4. This difference is mainly attributable to the different
contribution from conduction through the wire ligaments.
From the front view of diamond- and square-oriented sam-
ples (Fig. 2), it can be seen that the solid wire elements in
the former has approximately 40% more contact area with
the substrates than those in the latter, leading to a higher
effective thermal conductivity in the direction of channel
height. Note that this advantage is somewhat reduced
because the trusses of a diamond are inclined at 45� so
the thermal conduction path is longer (this effect is
accounted for in the analytical model by the tortuous coef-
ficient cH); also, mechanism 3 will be reduced in the dia-
mond textile by the increased (doubled) wire face-sheet
contact area. However, the results of Fig. 8 suggest that
the gain due to the increased core-face-sheet contact area
overwhelms other lesser effects.

The experimental results presented in Fig. 8 can also be
used to highlight the effect of coolant properties on the
overall heat transfer of the system. Although the thermal
conductivity, thermal capacity and Prandtl number of
water are an order of magnitude larger than those of air,
it is shown in Fig. 8 that the Nusselt number of both the
copper and stainless steel textile sandwichs subjected to
forced water convection is only 50–100% higher than that
subjected to forced air convection. According to the heat
transfer correlation for tube bundles [28], the ratio of
Nusselt numbers of the two fluids depend on the ratio of
Prandtl numbers of the fluids as:

Nuwater=Nuair ¼ ðPrwater=PrairÞ0:36 ð21Þ
Thus, for tube bundles, heat transfer using water as the
coolant is �2.3 times larger than that of air as the coolant.
For the woven textile sandwichs, (21) over-predicts the heat
dissipation capability of using water as the coolant. In
other words, the amount of heat dissipated by the porous
structure not only depends on the Prandtl number of the
coolant but also depends on other factors such as coolant
conductivity, cell shape and porosity.

The effect of material conductivity on the heat transfer
performance of the textile sandwich structures is illusatred
in Fig. 8. Copper has a conductivity of �380 W/K � m,
which is �20 times greater than that of stainless steel
(�17 W/K � m). However, the results show that the Nusselt
number for the copper sandwichs at a given Reynolds num-
ber is only about three times greater than comparable
stainless steel sandwichs, whether air or water was used
as the coolant flow. This is due to the fact that only a por-
tion of the overall heat transfer rate can be attributed to
solid conduction within the struts. Samples with higher
porosities have less solid material, and hence the effect of
solid conductivity is diminished.

Fig. 9 shows the Nusselt numbers for both copper and
stainless steel diamond oriented cores as functions of rela-
tive density, for specific values of Reynolds number under
forced air convection. Similar trends for the water experi-
ments, not shown here for brevity, are also observed. The
overall heat transfer rate appears to maximize around a rel-
ative density of �0.25 for copper textile structures. How-
ever, the stainless steel samples exhibited a maximum
heat transfer rate at a relative density of �0.20. High
porosity values have less solid material per unit volume,
and hence less conduction through the wire ligaments.
Low porosity values have less void volume per unit vol-
ume, and hence less contribution of forced convection.
Therefore, an optimal porosity for maximum heat transfer
exists with the precise porosity level being dependent upon
parent material thermal conductivity and cell topology. In
addition, it appears to be fairly independent upon the
Reynolds number. For the sandwich structures tested here,
this optimum porosity lies in the range between 0.7 and
0.75 for the copper textile and between 0.75 and 0.80 for
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the stainless steel textiles. Similar optimal porosity levels
exist for samples with square topology. At a given porosity,
the amount of heat dissipated increases with increasing sur-
face area density because the higher surface area density
corresponds to a larger surface area per unit volume
between coolant fluid and textile solid, and hence more
heat can be transferred by convection to the coolant fluid.

5.3. Heat transfer – predictions

The experimentally measured Nusselt numbers have
been compared with predictions using the fin analogy
model. In general, there is good agreement between mea-
surement and prediction when air was used as the coolant,
whereas there is significant deviation between experiment
and model when water was used as the coolant (see
Fig. 10a). For both square- and diamond-oriented topolo-
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predictions: (a) without thermal dispersion effects; (b) with thermal
dispersion effects.
gies, the differences between predictions and experimental
measurements were within experimental uncertainties, i.e.,
<10% if air is used as the coolant. For the water experi-
ments, the current fin analogy model underestimates the
heat transfer capability of textile sandwichs. The model
only considers heat transferred through the fluid phase
via conduction and convection. However, heat is also
transferred through the fluid phase by dispersion due to
the presence of fluid grains and interconnected pore system
[27]. Hunt and Tien [27] experimentally found that this
‘thermal dispersion’ in fibrous media is significantly larger
than molecular, solid conduction for high Reynolds num-
ber flows, and hence must be properly accounted for in
any modelling effort. The dispersion conductivity relates
to the property of coolant, porosity and flow velocity.
When water was used as the coolant, it is now well known
that thermal dispersion effects were pronounced [27]. In
recent years, the effect of thermal dispersion has also been
found to be non-negligible even in some air-flow cases.
However, in the present air experiments, at least for the
range of parameters considered (porosity, flow velocity),
we found that this effect can be neglected without causing
significant errors.

Consequently, for water experiments, additional effects
due to thermal dispersion must be included in the fin anal-
ogy model. Thermal dispersion in porous media is caused
by the effect of pore-level velocity non-uniformity on the
pore-level temperature distribution, leading to enhanced
heat transfer (i.e., the dispersion contribution is larger than
the molecular diffusion) when the Peclet number Pe = Re
Pr is sufficiently large [27,35,36]. The pore structure
(ordered versus disordered), pore velocity and upstream
flow conditions determine whether the pore-level hydrody-
namics are recirculation zones (closed streamlines), dead
ends, flow reversals, etc. Although several flow regimes
exist in the pore depending on the pore Reynolds number
Re, it has been found experimentally that the Re depen-
dence is rather weak, with the pore-level hydrodynamics
approximately characterized by Pe [36]. Therefore, the
thermal dispersion conductivity, kd, is often defined as
[27,41]:

kd ¼ CRedPrkf ð22Þ

where C is a non-dimensional coefficient, and Red =
qfUmd/lf, with d representing the wire diameter.

It is expected that the transfer of heat through textile
sandwichs would be enhanced by thermal dispersion
caused by fluid temperature differences perpendicular to
the direction of coolant flow. Hence, in Eq. (12), the solid
and fluid temperatures should be functions of the local
coordinate n, leading to:

d2T

dn2
� 4h

ksd
ðT ðn; xÞ � T fðn; xÞÞ ¼ 0 ð23Þ

Because both solid and fluid temperatures are unknown
quantities, (23) is difficult to solve.
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To simplify the problem, it is assumed that heat trans-
ferred by thermal dispersion is achieved by a fluid with
enhanced thermal conductivity kd. This mechanism is sim-
ilar to heat transferred through the solid struts by conduc-
tion. Therefore, the amount of heat transferred between the
solid struts and coolant fluid may be divided into two
parts, i.e., heat transferred between the solid strut and fluid
(of conductivity kd) by conduction and that by convection.
These two processes can be described by:

d2T

dn2
� 4h

ksd
ðT ðn; xÞ � T dðn; xÞÞ ¼ 0 ð24aÞ

d2T

dn2
� 2h

kdd
ðT dðn; xÞ � T fðxÞÞ ¼ 0 ð24bÞ

where Td is the fluid temperature around wire struts due to
thermal dispersion, called dispersion temperature, and Tf is
the fluid temperature away from the cell ligaments. The dif-
ferent factors appearing in (24a and 24b) are due to the fact
that the surface of heat transfer in the case of (24a) is the
circular cross-section of the cylinder whereas that in (24b)
is the cylindrical surface of the cylinder. The corresponding
boundary conditions are:

� ks

dT
dn

����
n¼0

¼ q; ks

dT
dn

����
n¼CHH

¼ 0;

� kd

dT d

dn

����
n¼0

¼ q; kd

dT d

dn

����
n¼CHH

¼ 0

ð25Þ

Finally, with the above model, the (non-dimensional) tem-
perature difference between solid and fluid is obtained as:

H ¼ emn

1� e2mCHH

mq
m2 � m2

1ð Þkd

� q
mks

� �

þ e2mCHH

1� e2mCHH

mq
m2 � m2

1ð Þkd

� q
mks

� �
e�mn

þ m2qem1n

ðm2 � m2
1Þm1kdðe2m1CHH � 1Þ

þ m2qe2m1CHH�m1n

ðm2 � m2
1Þm1kdðe2m1CHH � 1Þ ð26Þ

whereas the wall temperature at the bottom face-sheet is:

T w � T f ¼
q

mks

� mq
ðm2 � m2

1Þkd

� �
coshðmCHHÞ
sinhðmCHHÞ

þ m2q
ðm2 � m2

1Þm1kd

coshðm1CHHÞ
sinhðm1CHHÞ ð27Þ

Eqs. (26) and (27) can now be substituted for (14) and (15)
in the fin analogy model.

After incorporating thermal dispersion effects in the fin
analogy model, the predicted Nusselt number values for
forced water convection experiments are in good agree-
ment with experimental results, as shown in Fig. 10b.
5.4. Discussion

In this section, the parameters that affect the heat trans-
fer performance of textile based sandwich structures are
studied. Because the trends of square- and diamond-
oriented topologies were similar (as far as the effects of wire
diameter, aperture size and porosity on heat transfer are
concerned), for the sake of brevity, only the square-
oriented topology was considered; the results are readily
applicable to diamond topologies which have superior
mechanical properties than the square ones [4,6]. For sim-
plicity, all the discussions are based on results obtained for
forced air convection.
5.4.1. Effect of solid conductivity
The effect of thermal conductivity of the parent solid

material on the overall thermal performance of brazed tex-
tile based sandwich structures (at a Reynolds number of
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5000) is shown in Fig. 11a. Here, the ordinate axis is the
Nusselt number at arbitrary solid conductivity ks normal-
ized by the Nusselt number at ks = 10 W/mK It can be seen
from Fig. 11a that the heat transfer rate increases sharply
with increasing ks when it is less than �100 W/K � m. Sub-
sequently, the rate of increase slows down, gradually reach-
ing a plateau when ks is larger than a critical value of
�300 W/mK. That is to say, when the solid conductivity
reaches its critical value, a further increase does not lead
to significant increases in the overall heat transfer rate. In
general, this critical conductivity value is not a constant
but depends somewhat on parameters such as the Reynolds
number, coolant type, cellular topology, cell size and core
height. For example, it is expected that the critical conduc-
tivity decreases with decreasing cell size and increases as the
core height is increased. However, these deviations are in
general small, with the critical conductivity lying approxi-
mately in the range of 300–400 W/mK.

5.4.2. Effect of wire diameter

To highlight the effect of varying wire diameter d on the
heat transfer performance, the aperture size in this section
is fixed at w = 3 mm and the Reynolds number at
ReH = 5000. Under these conditions, Fig. 11b shows the
surface area density and Nusselt number as functions of
the wire diameter. It can be seen that increasing the wire
diameter leads to a decrease in asf and NuH, which in turn
decreases the overall heat transfer rate. Note that the over-
all heat transfer performance depends on both conduction
and convection mechanisms. With a fixed aperture size,
increasing the wire diameter increases the volume fraction
of solid material and hence the contribution of conduction
to the overall heat transfer would increase. However, the
surface area density drops dramatically with increasing
wire diameter, leading to a reduced contribution from con-
vection. For the conditions examined here the decrease in
convection is greater than the increase in conduction, and
hence the overall heat transfer rate decreases.

5.4.3. Effect of aperture size

Our results (not included here) show that, for fixed val-
ues of Reynolds number and wire diameter, the Nusselt
number is inversely proportional to aperture size. That is,
as the aperture size is increased, the porosity increases
and the surface area density decreases, which results in a
decrease in the conduction and convection mechanisms.
As a result, the overall heat transfer rate decreases.

5.4.4. Effect of surface area density

From previous discussions, it is noted that porosity (or
relative density) and surface area density are two important
geometrical parameters governing overall heat transfer.
Therefore, in this and the next section, the focus will be
placed on these two characteristics.

At a fixed porosity of e = 0.8 and a fixed Reynolds num-
ber of ReH = 5000, Fig. 12a shows the variation of Nusselt
number with surface area density. It is seen from this figure
that the Nusselt number increases with increasing surface
area density. With a fixed porosity, the amount of solid
material per unit volume is fixed, and hence the overall heat
transfer rate only varies with the convection mechanisms.
A higher surface area density increases the convection con-
tribution due to a larger available surface area per unit
volume.
5.4.5. Effect of porosity

The effect of the porosity on heat transfer in plotted in
Fig. 12b, for asf = 1000 m�1 and ReH = 5000. In the
extreme case when the porosity is 1.0, heat transfer consists
solely of convection from the face sheets; whereas in the
case of zero porosity, heat transfer consists solely of con-
duction through a solid block of material. Increasing the
porosity leads to less conduction due to the reduction of
solid material per unit volume, whereas the contribution
of convection increases. The overall thermal performance
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depends on the balance of both thermal conduction and
convection mechanism. As a result, there exists an optimal
porosity for maximum heat transfer as shown in Fig. 12b.
When the porosity exceeds 0.9, the small amount of solid
material in the textile core cannot create secondary flows
(which improve convective heat transfer) and the overall
Nusselt number drops dramatically.
6. Comparison with other heat exchanger media

The brazed copper and stainless steel textile based
sandwichs are compared with the following types of heat
exchanger medium: investment cast lattice-frame mate-
rials (LFMs, aluminium alloy) [29–35], investment cast
Kagome structures (bronze) [42], metal foams (copper
and FeCrAlY – a steel alloy) fabricated via solid state sin-
tering [36,37], investment cast aluminium foams [39],
folded aluminium louver fin arrays [30], and corrugated
ducts with sinusoidal wavy passages [40]; in addition an
empty channel was also included. All were evaluated under
forced air convection.
6.1. Pressure loss

The comparison of the overall pressure loss or friction
factor through different heat dissipation media is shown
in Fig. 13 for a wide range of Reynolds numbers. Flow
through powder packed beds experiences the highest drag,
because they have the lowest porosity compared with other
porous media considered [37]. The typical flow resistance
of metal foams are about two orders of magnitude greater
than that of an empty channel [32]. In most cases, the fric-
Fig. 13. Friction factor of brazed textile structures compared with other
heat dissipation media.
tion factor of metal foams are also greater than that of
periodic materials such as textiles [7], Kagome structures
[42] and LFMs [30], even though the porosity of foams is
higher (comparable with Kagome and LFM structures,
but significantly higher than the textile). This indicates that
the main difference between stochastic and periodic materi-
als is due to the difference in flow patterns. For stochastic
materials, the main characteristics are porosity and pore
size [34].

The flow resistance of LFMs and Kagome structures is
about 10 times higher than that of an empty channel, but
lower than that of textile lattice structures. Although both
topologies are periodic they have different porosities, with
Fig. 14. Heat transfer performance of brazed textile structures compared
with other heat dissipation media: (a) air as coolant; (b) water as coolant.
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e = 0.7–0.8 for the textiles and e � 0.9 for the LFMs and
Kagome structures. The friction factor of mini fins (which
has a porosity of 0.8) is comparable to that of the textile
structures [43]. For periodic materials, porosity (as well
as pore size) is the main characteristic dictating pressure
loss; other factors such as tortuosity and cell shape are
expected to be secondary.

6.2. Heat transfer

Fig. 14a and b compare the overall heat transfer perfor-
mance of different heat dissipation media for forced air and
water convection, respectively. From the data, it is seen
that copper and stainless steel textile structures, aluminium
and copper foams, copper mini fins and sintered bronze
packed beds outperform corrugated duct and louvered fin
structures. This is attributed to the contribution of conduc-
tion through the network of solid ligaments in addition to
forced convection, whereas corrugated duct and louvered
fin structures depend mainly on the change in flow patterns
caused by augmented heat transfer surfaces (convection).
For air experiments, the copper textiles had porosities close
to the optimal level (e � 0.75). Because of the high porosity
(e > 0.9) of aluminium and copper foams, the contribution
of solid conduction to the overall heat transfer was not as
pronounced in comparison of that due to forced convec-
tion. The stainless steel textiles have a similar heat transfer
rate as FeCrAlY foams, LFMs and Kagome structures.
For the packed beds, the high thermal contact resistance
of the non-sintered structure causes a significant knock-
down in the heat transfer performance compared to that
of sintered structures.

In the water experiments, the copper textiles have simi-
lar heat transfer rates when compared to the copper mini
fin structures and bronze sintered packed beds, whereas
the heat transfer rates of the stainless steel textiles are com-
parable to the open-cell aluminium foams.

7. Conclusions

The overall pressure drop and heat transfer performance
of brazed copper and stainless steel periodic textile-based
lattice structures were experimentally investigated under
steady-state forced convection conditions, using both air
and water as the coolant. Prototype sandwich structures
with different topologies were fabricated and tested.

At high Reynolds numbers, fluid flow in the textile
structures is form dominated. The friction factor based
on unit pore size depends mainly on the open area ratio.
The transfer of heat depends on two competing mecha-
nisms: conduction through the solid ligaments and forced
convection to the applied coolant flow. The heat transfer
performances of diamond oriented structures is superior
to square-oriented structures for samples of similar poros-
ity and surface area density. At a given Reynolds number,
porosity and surface area density are the two key parame-
ters controlling heat transfer. At a given porosity, the heat
dissipation rate increases as the surface area density is
increased. However, for a fixed surface area density, an
optimal porosity exists for maximum heat dissipation (a
balance between the two mechanisms). For copper textile
structures, this optimal porosity is about 0.75. A fin anal-
ogy model has been developed and successfully used to
predict the heat transfer performance under forced air con-
vection. For the water experiments, however, the model
must be modified to account for the effects of thermal
dispersion.

Performance charts are presented to compare textile
structures with selected heat dissipation media. Thermally,
the copper textile structures perform as well as the stochas-
tic open-celled metal foams (aluminium and copper based),
both having large surface area densities. However, the
pumping power required is significantly lower for the tex-
tile-based structures, because of the periodic topology.
Therefore, their overall thermal efficiency is about 3 times
greater than that of comparable weight open-celled copper
foams.
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